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Figure 1: MBS and FE model of engine and chassis.

Abstract

Vibration comfort and interior noise of a vehicle chassis are critical design features.
Depending on travelling and engine speed, the engine is an important source of
excitation. The vibrations are transmitted by engine mounts to the vehicle body.
Especially at low frequencies, like idle speed, the engine can be represented as an
assembly of rigid bodies. The chassis, however, has to be treated as an elastic
structure. Component mode synthesis will be used to combine the Multi Body System
(MBS) of the engine with the Finite Element structure of the vehicle chassis.

First, the Multi Body System of the engine is modeled. This contains the engine
block, the gearbox and all important movable parts. Besides the inertia effects, the
excitation by combustion forces has to be taken into consideration. The engine
assembly is suspended by engine mounts. The Finite Element model of the chassis
may be coarse as it has to represent just those modes, which yield significant
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response contributions at desired locations. The FE and MBS models are combined
to a hybrid system by utilizing specific sets of FE modes which are imported and
assembled by the MBS software. Vibrations at comfort locations of the chassis and
engine mount forces are computed.

The comparison between computed and measured results shows good agreements.
With the combination of theoretical analysis and measurements, noise and vibrations
of the engine-chassis assembly were successfully reduced. Finally, for the vehicle
with the 3-cylinder DI diesel engine a better noise level was obtained than for the
original 4 cylinder engine.

1 INTRODUCTION

In automotive industry, vibration simulations are increasingly applied. The
investigations focus mainly on isolated application of Multi Body Simulation [1] [2], FE
analysis [3] or approximate analytical techniques [4] [5].

Here, a hybrid technique of Finite Element (FE) and Multi Body Simulation (MBS) is
applied for fitting the STEYR M13 diesel engine into the FIAT BRAVA chassis. In the
low frequency range and at low engine speeds, the body of the car is mainly excited
by engine vibrations, which are transmitted into the elastic chassis by nonlinear
engine mounts. In lightweight car bodies exists a strong interaction between engine,
engine mounts and the chassis. An isolated investigation of the system "engine on
mounts” and an isolated analysis of the system "chassis" provides valuable
information about basic properties, however, can never reflect the dynamic properties
of the compound system.

2 METHOD OF ANALYSIS

A systematic approach is applied, where in the first step, engine and chassis are
treated as isolated structures. Since the frequency range of interest is relatively low
(up to approximately 100 Hz), the engine is modeled as Multi Body Structure of rigid
components. It includes the most important moveable parts (crankdrive, balance
shafts) and the driving mechanism by the combustion forces. The engine is fixed to
rigid ground by engine mounts. Basic investigations of engine modes, stiffness of
engine mounts and support forces are performed.

The chassis can, by no means, be treated as a rigid body system in this frequency
range. Typically, the lowest torsion and bending modes of the chassis are lower than
100 Hz. There are also frequently local effects like steering wheel modes and
vibrations of the engine suspension girders. The chassis is modeled as a coarse FE
structure. There is no need to include structural details. The FE model has just the
task to represent the correct stiffness and the basic modes of interest. The chassis is
tuned to the lowest torsion, bending and steering wheel modes of the vehicle. Modal
analysis and computation of transfer functions are performed to assess the basic
dynamic properties of the chassis.
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As a final step, the coupled system "engine — engine mounts - chassis" is analyzed.
This is performed by component mode synthesis of the FE and the MB structure. The
shifts of eigenfrequencies and modeshapes of the coupled system compared to the
isolated structures indicate the high degree of interaction. Response analysis for a
series of engine speeds is performed in time domain. Frequency transforms and
waterfall diagrams of the response are created for vibrations at comfort points [6] and
of the forces transmitted by the engine mounts.

Figure 2: Coupled FE-MBS system.

3 THEORY

In order to perform the coupled analysis, the elastic properties of the chassis are
imported into the MBS software package.

Finite ‘ Multi
element Elasticity characteristics Body
anaysis /' simulation

Figure 3: Hybrid analysis by import of FE Structures into MBS.

The representation of the flexible body requires the introduction of so called ‘modal
coordinates’. This chapter contains a brief overview of the underlying theory.

3.1 Representation of the Flexible Body by Modal Coordinates

The representation of the flexible body isrealized by the introduction of so called
‘modal coordinates’. Figure 4 shows a general body undergoing an elastic
deformation.
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Figure 4: The position vector of a point P on a flexible body relative to a local
reference frame B and ground G.

The position vector of point P on the flexible body, is defined as

r,=x+s,+u, . (1)

X position vector from the origin ground reference frame to the origin of the
local body reference frame, B, of the flexible body.

Sp position vector of the undeformed position of point P with respect to the
ground reference frame, G.

Up elastic displacement vector of point P. The vector is oriented from the point’s
undeformed position to its deformed position, with respect to the ground
reference frame, G.

With respect to the ground reference frame the position vector rp is written in matrix
form as

r, =x+°A° [{s} +up) . (2)
A%  transformation matrix from the local reference frame B to ground. Henceforth

¢ AB is written as A.

s> position vector of the undeformed position of point P with respect to local
body reference frame, B.

u; elastic displacement vector of point P with respect to the local body

reference frame, B. The displacement of point P is approximated by linear
combinations of shape functions:

M
us D;(pk(/:) (g, =P, 4, 3)

where
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@,» Isthe k-th shape function evaluated at point P and

Ok is the corresponding time dependent modal coordinate.
By using Equation (3) equation (2) is written as

r,=x+AMs; + P, (). (4)

In the following the vector § of generalized coordinates of the flexible body is
introduced.

(5)
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The components x, y, z, Y, 6 and ¢ denote the translational and rotational
displacements of the undeformed body.

This vector of generalized coordinates is used for the Lagrange’s equation [A].

%%ﬁ %ED a-o ©)

Lagrangian, defined as L = T-V.

kinetic energy.

potential energy.

vector of the constraint equations.

vector of the Lagrange multipliers for the constraints.

vector of the generalized forces, due to externally applied forces.

w0 > £ < 4

generalized coordinates as defined in equation (5).

Section 3.3 gives a brief idea how the MBS software solves the Lagrange’s equation
of motion.
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3.2 Determination of Modal Coordinates - Importing FE Model into MBS

As mentioned above, a set of shape functions, generally a set of eigenvectors is
used to approximate the deformation of an elastic body. These shape functions
should have following characteristics:

* The set of eigenvectors should not depend on the boundary conditions in the
MBS.

* The number of degrees of freedom in the MBS should not increase dramatically.

* These are the main features of a family of techniques called 'component mode
synthesis’, which is applied by ADAMS.
3.2.1 General Equation of Motion

A component with the stiffness matrix K and the lumped mass matrix M is
considered. By neglecting the damping, the equation of motion is

MB+KDB=f. (7)

lumped mass matrix of a component (e.g. of a FE - structure, n x n matrix)
stiffness matrix of this component (n x n) matrix

vector of displacements. (n x 1)

- o X =

load vector (n x 1)

Note the disadvantages:

* |t's a coupled system

* Considering a complex model (for example a FE model of an engine frame) leads
to a high number of degrees of freedom n, e.g. 500000.

3.2.2 Applying the Theory of Craig Bampton [9].

A structure with a number of interface points is considered. Interface points are those
points at which constraints or external forces may be applied. The elastic deformation
of this structure can be described by superposition of the so called ‘interface
constraint modes’ and the ‘interface normal modes’.

Constraint modes are the static shapes of the component when one degree of
freedom at one interface point undergoes a unit deflection while keeping all other
degrees of freedom fixed.

Interface normal modes are the eigenvectors of the component with all interface
degrees of freedom fixed.
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The degrees of freedom of system (7) can be split into two parts. The degrees of
freedom of the interface or boundary points, 8°, and the interior points, &' . & and
5° denote physical displacements.

[MBB o D mBD [KBB KBID EBBD l:fB

Jo mEH ke wily T HP (8)

Considering the static case the resulting force at an interior point and the inertia
effects vanish and the second line of system (8) can be written as

KfP®®+K'®' =0. 9)
Rearranging equation (9) and introducing ®°€ = —(K")™ K" leads to

5 = (K" [K"®B° =0 5°. (10)
It is seen that a row of the matrix ®° contains the static deformation of &' due to an
unit deflection of the associated interface point. ®° is the matrix of constraint modes.

Additionally to the constraint modes the normal modes of the component with all
boundary degrees of freedom fixed are obtained by solving the appropriate

eigenvalue problem. The eigenvalue problem leads to a matrix of normal modes ®" .
Theoretically, there are so many modes (rows in the matrix) as degrees of freedom.

However, generally a set of truncated modes ®" is used.

The main idea of the Craig Bampton Method is to approximate the physical
coordinates & and &° by a summation of constraint and normal modes:

0 Ol
Sllidy q,Nﬁ:ﬂz (11)

where g are modal coordinates.
Note the second line of the equation:
5 = 60 ch + d)N D]C (12)

The displacement of interior nodes is approximated as a superposition of the
vibrations from the structure fixed at the interface points and the static mode shapes
due to the displacement of the interface points.

Using (11) equation (7) can be approximated by

O MDGH+D KDH=0 F=MG+Kf=g . (13)
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q = vector of modal coordinates (1 x m).

g=0" = gBE Dimension of g: 1 x m.

10
M= M
K=" KD .

Note the advantages:

* The set of shapes and modes are independent of the boundary conditions in the
MBS.

* m is the number of the interface normal modes plus the sum of all degrees of
freedom of the interface points. m is significant smaller than n.

» Analyzing M , K and g shows that this system is only partially coupled.
Note the disadvantages:

* The system is not fully decoupled

* A large number of interface points, results in a large number of constraint modes.
It is difficult to decide, which constraint modes are important and which can be
neglected.

* The constraint modes can introduce high frequency contents into the system.

3.2.3 Constraint Mode Orthogonalization
Equation (13) leads to the eigenvalue problem (14):
K=o (14)

After solving the eigenvalue problem (14) the eigenvectors r are collected into the
matrix R and the appropriate eigenvalues o into the diagonal matrix Z .

The normal modes and the constraint modes described in the previous section are
converted into new modes. Visualizing this modified mode shapes shows that they
consist of two families of shapes.

The normal modes of the unconstrained component.

Mode shapes that one could refer to as interface eigenvectors because they
constitute the solution of the eigenvalue problem for the interface degrees of
freedom.

Substituting R into (13) leads to
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RTIMRG+RT KRH=R [g=

. (15)
IG+Z2f=b

| identity matrix (m x m). I=R” IM[R

2 diagonal matrix of the eigenvalues of the eigenvalue problem (14).

2 =R" KR
b transformed load vector.
b=R" g

Note the advantages:

* The system is fully decoupled.
* All advantages of the Craig Bampton transformation (section 3.2.2) are valid.

* Each mode is associated with an eigenfrequency.

3.2.4 Summary

A FE program computes the interface normal modes with fixed interface points.
Furthermore the FE program computes the shapes of the component when one
degree of freedom at one interface point undergoes a unit deflection while holding all
other degrees of freedom fixed. After transferring all these modes and shapes into
the MBS software, a new set of modes will be created by means of the component
mode synthesis. The number of these modes determines the additional degrees of
freedom. Each mode introduces a modal coordinate to the Lagrange’s equation (refer
to section 3.1).

3.3 Numerical Solution of the Elastic Multi Body System

Utilizing the modal coordinates q, the Lagrange’s equation (6) is solved similar as a
standard non-flexible problem. System (6) is written as

EEE: {o}. (16)

where
F=fEEEAD), E=[£,6,....5,] and A=[A,,,..A, ].
After reducing the terms of second order by introducing :%, equation (16) is

rearranged as
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OF O
& -ud={o}, (17)

d¥

where
F=fOutgAt).

This operation reduces the second order differential equations to a first order
differential equation. However, the number of degrees of freedom increases.

The solution of system (17) provides all forces, velocities, displacements and
accelerations. This equation can only be solved by a numerical algorithm. The MBS
software ADAMS utilizes a Gear predictor-corrector [D] algorithm. The algorithm
performs a prediction and a correction step in order to compute the solution.

Based on the Taylor series

2
%Y, h +10, h*+..... , (18)

= +
Yo =¥s T 75 2 ot?

where h=t_, —t. (integration time step), the system state for the next time step is

predicted. The vector y is in general a vector of the degrees of freedom and
represents the system state.

The general form of one of the correctors used in ADAMS, the Gear stiff integrator of
order k+1, is

k

Ysi1 = —h EBO I:ysﬂ + z a;¥s ju - (19)

J=1

The parameters f,,a, are gear integration coefficients. Equation (19) can be
rearranged to

. -1 a
1= 7 s ™ i Y s-jn 20
Vo= 3mg Bf ;a Y E (20)

The task of the corrector is to adjust the systems variables such, that the solution of
equation (17) is within a tolerable error margin.

When p :§—u is introduced and using equation (20), equation (17) can be written
for time instant s+1 as

F(uS+1’uS+17§S+l’AS+l’tS+1): 0 (21)

10



9/ - Technologie Zentrum Steyr, Steyr Daimler Puch

p(us+1’§s+1) = s+1 %% a' |:gs—j+1 Ug, = 0 (22)

q’(§8+1’t8+1) = 0 . (23)

If the time is fixed and the equations (21), (22) and (23) are expanded around their
predicted values, the following set of equations is obtained [D]

oF oF oF .. 6F
+

F.,+—A ., +—Au —Au,,, +—AA,, =0, 24
s+l ag §S+l au s+l au aA ( )
0 d
ps+1 ag A§s+l ap Al"|s+1 = 0 and (25)
T A A (26)
S+ ag s+1

The change in u may be related to the change in u by the relationship shown in (20)
as

A, = - Emﬁl. (27)

Comparing equation (25) to equation (22) shows that

9 _p -1 E] and (28)
0% B,

op _

So=-l (29)

By substituting equations (27)-(29) into equations (24)-(26), the result for a time
instant s+1 is

JOF  OF__1 OF %D;%
O ag au hwo au IIA§s+1|:| U Fs+l
0-1

UJ
- b=~ —ug 0 (30)

WD I 0 [I[AUS 1% Hsip SIH

C rpw @M

a%%% 0

This equation is solved iteratively for A§ ,, Au,,, and AA_, of each time step by a

suitable algorithm. The matrix on the left side of equation (30) is the system
Jacobian. To summarize, equation (18) predicts the new system state and Equation

11
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(30) leads the system equations to convergence. Note, that the terms in the Jacobian
matrix show some well known structural effects, namely

oF

— .. stiffness,
13
OF .
— .. damping,
du
O_F ..... inertia effects.
du
4 ENGINE

4.1 Design of Steyr M13 Diesel Engine

The Steyr M13 is a 3 cylinder direct injection diesel engine. It has a special design for
low noise emission. The engine can be characterized by three main parts (see also
figure 1):

* The central part is the monoblock which consists of the cylinders and the cylinder
head. It is manufactured from one piece. At the bottom of the monoblock, the
main bearing frame and the bearing caps are fixed.

* The second part is the engine housing. It is a stiff cover around the monoblock.
On the one hand it acts as oil pan and noise capsule, on the other hand it
supports the monoblock and carries also the brackets for the engine mounts.

* The "ring carriers" are elements, which provide an elastic connection between
monoblock and engine housing. They have to be weak enough to decouple the
vibrations of the monoblock and the engine housing, but they also have to be stiff
enough to transmit the engine torque and all other forces acting on the block.

This concept has good acoustic properties especially concerning higher frequencies.
However, there exists a disadvantage in the low frequency range. Up to 100 Hz, so
called "ring carrier modes" occur, see figure 7. The monoblock and the engine
housing vibrate relative to each other (like rigid bodies) by distortion of the elastomer
ring carriers. This is also the frequency range where strong interactions of "engine -
engine mounts - elastic chassis" occur in combination with main excitation forces by
the lowest engine orders. To make fully advantage of the M13 concept, these
phenomena have to be carefully investigated and optimized.

4.2 Model for Multi Body Simulation

To asses the dynamic behavior of the engine, the inertia of the structural components
and the excitation mechanisms have to be modeled carefully (see figure 1).

12
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Crank Drive: The crank shaft is connected to the monoblock by a revolute joint. It
carries discrete mass points which represent the weight and the mass balancing. The
pistons are guided by translational joints in the monoblock. The mass of the
connecting rod is realized by a classical two-point separation, where the rotating part
is added to the crankshaft and the oscillating part to the piston mass.

Balance Shafts: A three cylinder engine typically has unbalanced mass moments
of the first and second order. To balance the moment of the first order, the M13
engine has a balance shaft with two oppositely aligned excenter weights. The
balance shaft of the MB model is fixed to the monoblock by a revolute joint. It rotates
in the opposite direction of the crankshaft.

Ring Carriers: The elastomer properties of the ring carriers between monoblock
and engine housing are represented by a local stiffness and damping model.
Depending on the relative distortion and velocity, restoring and damping forces are
generated. This model is basically nonlinear, however, there were only linear
stiffness and damping data available.

Inertia and Masses: The masses were either given or determined by weighting.
The moments of inertia of the monoblock and the engine housing were obtained from
existing Finite Element models. The moment of inertia of the gear box was initially
estimated and further on fine tuned by comparison of computed and measured
eigenfrequencies.

Excitation by Gas Forces: The effect of gas forces may be split in two
mechanisms: first, there is a vertical force (in-line with the cylinder axis) which is in
equilibrium concerning forces and moments. The second mechanism is the piston
side force (horizontal) which results from the inclination of the conrod. It is in
equilibrium with respect to forces, but not with respect to moments. The reaction of
the piston side force is transmitted by the crank drive and is supported horizontally by
the main bearings. This means that for any engine a considerable pulsating rolling
moment exists. The moment is transferred to the engine mounts and cannot be
balanced by counterweights or balance shafts. It is also not affected by the size of
the flywheel mass. In the MB model, the piston side force of each cylinder is defined
as a spline function in dependence of time. The force moves up and down according
to the piston position. The counter force is applied at the main bearings.

4.3 Nonlinear Engine Mounts

The engine mounts are elastomer components with nonlinear stiffness. The
characteristics were determined by measurements in dependence of amplitude,
preload and frequency. The stiffness of the engine mounts was introduced into the
MB model by spline functions which determine the relation between force and
displacement. The frequency dependence cannot be reproduced by such a model.
As long as the range of investigated engine speeds is small enough (e.g. 1000 to

13
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2000 rpm), the measurements showed a sufficiently small stiffness variation. This is
also in agreement with other investigations, see e.g. reference [10].

The vibration amplitudes are orders of magnitudes smaller than the static
deformations resulting from engine weight and torque. The nonlinearity is therefore
governed by the (quasi)static preloads. In the vicinity of the operating point of the
static deflection, an elastomer mount behaves essentially linear. One notes that the
operating point of static deflection can be easily mistuned by alignment modifications
or by assembly preloads.

Ring Carrier Mode, 102 Hz

Q monoblock
i 5

engine
housing

gearbox
engine
A  mounts

Figure 5: Example mode shape of engine fixed to ground.

4.4 Tuning of MBS Model

For primary investigations the MBS model was fixed to ground by means of the
engine mounts. The dynamic properties of the model were tuned by comparison to
measured eigenfrequencies and modeshapes. The tuning targets were the
fundamental rigid body modes of pitching, rolling and yawing, which were clearly
identified by measurements (see table 1). The tuning parameters were the rotational
inertia values of the engine and the gravity centers and inertia values of the gearbox
and the aggregates.

The modal analysis was performed by the MBS software. As the eigenvalue
computation is based on linear structural matrices, the stiffness is linearized around
the state of static deflection. Figure 5 shows an example mode at 102 Hz. The
monoblock yawns in antiphase to the engine housing. This is an effect of the elastic
ring carriers.

The modal analysis provides good ideas concerning the basic properties of the
system. There exist e.g. predefined target frequency ranges for certain mode types

14
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like pitching or rolling. Important influences, like engine mount positions or a different
distribution of the stiffness among the mounts can be investigated.

4.5 Response Analysis, Engine Fixed to Ground

The response analysis is performed in time domain. It includes nonlinearities like
engine mounts and spatial shifts of excitation forces as well as gyroscopic effects of
rotating parts.

The analysis is divided into three sequences. In the first step the weight of the engine
is applied to adjust the static equilibrium. In the second step, the crankshaft is
accelerated linearly to the stationary speed level. The time dependency of the
excitation forces is defined by the camshaft angle. Therefore the forces are
automatically in phase with the engine revolutions. In the third step, the speed of the
engine is kept constant. An approximately stationary state of the response was
generally reached before 20 revolutions. The analysis was continued to 40
revolutions to obtain a sufficiently long period of stationary vibrations (see figure 6).

The solution turned out to be stable and fast, the computation time on a medium
class workstation (SGI Octane) was about 10 minutes for 40 revolutions.

The analysis provides results for all displacements and forces which are specified.
Results of main interest are the forces which are transmitted by the engine mounts.
In particular, the frequency transform as e.g. depicted in figure 6 contains valuable
information. It shows that the response is excitation dominated by several engine
orders. The first order is well balanced and does almost not appear in the response.
The major peak occurs at the 1.5-th order. It originates from the piston side forces of
the 3 cylinder engine. There exists a small peak of the 2-nd order which results from
the unbalanced mass moments. All higher peaks are multiples of the 1.5-th order.
The basic eigenfrequencies of the engine don’t interfere with the excitation
frequencies.

force, 2000 r|:|-m gruund suppurt

nl".L1 'Lll, B
| | | '||"1| | AL ||I"'.I|.|I"II'

|
e time history

T

" |
i L"'.___JI1I.__ -|_ ¥ frequenf],r tranffc:_rr?.

Figure 6: Forces in engine mount, 2000 rom, supported by ground.
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5 CHASSIS
5.1 FE Model of Chassis

The FE model has to represent the dynamic properties of interest, which are:

the global stiffness of the chassis
- the stiffness of the vehicle front end and the engine girders
- the lowest global modes of the body

- some specific local modes of interest.

As long as the above specifications are justified, it is not required to include structural
details. The model can be considered as a "phenomenological" structure which
behaves the same way as the fully equipped vehicle at the spots and frequencies of
interest.

Such a structure can be modeled in a rather coarse way. This is also an advantage
concerning its practical use in the Multi Body Simulation. The structure was modeled
exclusively by thin shell and beam elements having 6 degrees of freedom per node.
This has the practical aspect of avoiding problems with free rotational DOF's of the
FE model in the MB simulation. The model consists of 2200 shell and 600 beam
elements. It has 2600 nodes and about 15000 DOF'’s. Increased attention was paid
to a correct modeling of components like the front end girders, side rails and A-B-C
columns.

Figure 7: FE model and 1-st torsion mode shape of the chassis.
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5.2 Tuning of FE Model

The FE model of the chassis was trimmed to the lowest torsion and bending mode of
the fully equipped vehicle without the engine. Additionally, steering column and
steering wheel were introduced and tuned, since the vehicle had unpleasant steering
wheel vibrations which did not occur with the original engine. The computational
modal analysis was performed with the FE solver. Figure 7 shows the principal
torsion mode of the chassis at 43 Hz.

5.3 Response Analysis of Chassis Body

The real vehicle is a complex assembly of metallic parts, plastic components,
composites, etc., which has considerable nonlinearities. However, the FE model
represents a completley linear metallic structure. The response analysis of the FE
model (without engine) was performed to highlight these effects and to compare the
simulation results to measurements. Base of the comparison were transfer functions,
which are the ratio between a single response and a single point excitation. Transfer
functions are defined in the frequency domain, see e.g. reference [11].

In numerical simulation, transfer functions are obtained by exciting the structure with
a sine of unit amplitude. When sweeping the excitation sine over the frequency range
of interest, the corresponding amplitudes at a certain response location represent the
transfer function.

The adjustment of modal damping values is one of the primary tasks when
comparing computed and measured transfer functions. The peak of the computed
response is inversely proportional to the modal damping value. Tuning the modal
damping values means scaling of the response peaks.

_.. | Transfer function of FE model: | o il

% | engine mount =* steering wheel B corwen
7 soibalian &

:

¢ p

: !

5 'y

= | 1 e

5

E

g

=

____,._/ b’“‘xﬁ“f\

frequency [Hz]

Figure 8: Transfer functions, engine girder - steering wheel, FE analysis.
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The comparison of computed and measured transfer functions additionally provides
an idea about the degree of nonlinearity of the real system. The computation is
based on a linear system which generally shows a distinct peak-valley characteristic
(see figure 8). In nonlinear reality the modepeaks change their shape, they frequently
become wider at the base and more peaky at the top. The strongest differences
between linear computation and nonlinear reality occur in the frequency ranges
between the modepeaks. In these regions, the real response is up to several factors
higher than the linear simulations.

Samulatinon: Fngine supporied by ground Simulstian: Fnnine supgaried in chasss Mesmmnd: Frgime in chassds
siperhan | mode de g npion pigeaTh g e ki somphion 2 B BT ik s phicn
JH1] Hz] JHz]
3,13 [wertical iransl. of angine, piching chessis
A5 ol lanslatian ol erigine Ekiembly 349 lawiad vl of enging, ralling chesis
453  [combared o Arssl of engne and choyose
E 21 |wetical iransdadion of & re g shsa mbly 457 |weitical iranslaikn of eagre
53 vl v i o e g sl el
730 lcombared b Aransl, of engne and choypse 11 |comibmes] ol ital eral franel, of engne
12 |comEmed miNaieral imng, of engne
W1 L |prching of ergne assambly 10,38 [gichirg af argne a3 sambly 106 |pickiag ol srgne assembly
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Table 1: Comparison of eigenfrequencies, engine fixed to ground - engine in
chassis.

6 COUPLED FE-MBS SYSTEM (HYBRID MODEL)
6.1 Coupling by Mode Synthesis

The coupling of the FE and MBS system is based on the principle of component
mode synthesis, see e.g. [12]. The method is implemented into the MBS software
ADAMS in form of a modified Craig-Bampton approach [13, 14].

In practice, two sets of displacement shapes of the finite element structure are
required [15]. The first set consists of mode shapes, where the FE structure is fixed
at the interface points to the MB structure. The second set ("constraint modes”) are
static deflections, where each interface point undergoes a unit displacement. Both
mode sets are created by the FE software NASTRAN. The computation is automated
by a specific solution sequence (Nastran DMAP). The output is an ASCII file which
contains the mode sets and additional information about the FE structure. This file is
imported into the Multi Body Software, which assembles the total structure by
applying component mode synthesis.
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6.2 Modal Analysis of Coupled System

For the modal analysis of the hybrid system, the vehicle chassis was attached to
ground by springs and dampers that approximately represent the suspension system
and the tires.

The results of the eigenfrequency computations are summarized in table 1. It
compares the computed eigenfrequencies of the engine — chassis assembly, the
case when the engine is fixed to ground and the measured modes when the engine
is mounted in the chassis.

Several different characteristics can be identified with respect to certain sets of
modes. For the mode set of pitching, rolling and yawing occur only small differences
between measurements and the two simulation cases (max. 9%).

The ring carrier modes of the engine (where the monoblock moves relative to the
engine housing) are well separated from the fundamental chassis modes and the
local steering wheel vibrations. Only minor frequency shifts occur when connecting
engine and chassis.

However, a very high sensitivity is observed for the lowest translational modes of the
engine. There is a completely different behavior when the engine is fixed to ground or
when it is supported in the elastic chassis. The eigenfrequencies in the chassis differ
up to 40%. The sequence of modes changes and new modeshapes occur. This high
sensitivity is one reason for the poor coincidence between measured and computed
translational modes, although the higher rotations are very well represented.

6.3 Response Analysis of Hybrid Structure

The strategy of the response computation for the hybrid structure is similar to the
simulation when the engine is fixed to ground. Again, three phases are considered:
static equilibrium, acceleration of crankdrive and stationary state. However, this is not
a straight forward procedure which guarantees convergence of the numerical
integration. It has to be noted that the structure represents a nonstationary, nonlinear
dynamic problem with 15000 DOF’s which involves large rigid body motions and
spatially variable excitation forces. Any solution algorithm has only a certain window
of parameter settings which enables convergence. For example, a reduction of the
time step length does not necessarily lead to better convergence conditions of the
numerical integration. The convergence is also sensitive to modeling details, like e.g.
axial rotational restraints of the pistons, statically overdetermined support of shafts,
etc. [16]. The most critical numerical phase is the start of the crankdrive revolutions.
Once a set of appropriate integration parameters is adjusted, the solution is rather
fast. The computation time for 40 crankshaft revolutions was about 2 hours on a SGI
Octane workstation.

19



9/ - Technologie Zentrum Steyr, Steyr Daimler Puch

The response was computed for a series of engine speeds at idle gear. For each
revolution speed, the time series and frequency transform of the steering wheel
vibrations and the engine mount forces were analyzed. Figure 9 shows an example
of engine mount forces. The diagram corresponds to the case of “engine fixed to
ground”, depicted in figure 6. Although the time series appear to be rather similar, the
frequency transforms show significant differences.

force, 2000 rpm, chassis support

5 5 L'l'Jl‘ lith‘IllJ’l l'Un‘J | Il.l.‘ Il' lﬁ.". |'L. fl. |Il| |‘-. |\ I!‘. Fll

]L;] },‘ In,” l'J] time history

Tl 0

I : : i !l .| frequency transform |
P - —

Figure 9: Forces in engine mount, 2000 rpm, support by chassis.

The response of different engine speeds can be summarized in form of a waterfall
diagram (figure 10). This type of chart is well established in measurement data
processing. The horizontal axes is the engine speed, the vertical axis represents the
frequency. Moving from low to high engine speeds can be considered as a slow
speed-up run under idle load. The size of the bulbs represents the magnitude of the
response. Major response contributions occur at the frequencies of half or full engine
orders. This results in straight traces of bulbs, where each trace represents an
excitation order. A larger inclination means a higher engine order.
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Steering wheel, acceleration vertical ® 15 orer
2 1.0 order
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w3, 0 order
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#4000 ke
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Figure 10: Computed response at steering wheel, waterfall chart, 800 - 2500 rpm.
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Steering wheel,

acceldration vertical
measurements

Figure 11: Measured response at steering wheel, waterfall chart, 800 - 2500 rom.

Figures 10 and 11 are the comparison of computed and measured results of the
steering wheel vibrations for the same range of engine speeds and frequencies.

The 1.0 engine order is the lowest visible trace. The simulation and the
measurements show relative small response contributions up to 1700 rpm.
Around 1800 rpm, the first order starts to excite the steering wheel
modes.Computed and measured response increase.

The 1.5 engine order is the next trace. It is the dominating excitation order of the
three cylinder engine. Measurements and simulation show this dominance over
the entire range of speeds. However, the simulation underestimates its relative
contribution up to 1500 rpm.

The 2.0 order has its main contributions between 800 and 1400 rpm. It vanishes
almost around 1800 rpm and increases again slightly for speeds higher than 2000
rpm.

The 2.5 order does not appear in simulation and measurements.

The 3.0 order has its main contribution around 1000 rpm. A slight trace appears
for speeds around 2000 rpm.

The 3.5 and 4.0 orders show no response in both charts.

The 4.5 order trace is again visible. It has main contributions between 1100 and
1800 rpm.

7 STRUCTURAL IMPROVEMENTS

7.1 Stiffening of Chassis, Removing of Engine Mount

Supported by the simulation results, precise structural improvements could be
realized. One major modification was the reduction of the number of engine supports
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from four to three. One engine mount was simply removed. This mount carried only a
small static load but had a low vibration impedance, i.e. it contributed significantly to
the chassis vibrations.

Another major modification was the stiffening of the vehicle front girders by a
transverse bar. This improved the sensitive interaction between the lowest engine
translation modes and deformations of the vehicle front end. Additionally, the
eigenfrequencies of the steering wheel were increased by a stiffer integration of the
front plate which supports the steering column.

7.2 Validation of Improvements

The modifications resulted in significant improvements of the vibration and noise
level of the vehicle. The annoying steering wheel vibrations were practically removed.
The average interior noise level at idle gear was reduced by about 4 dB.

The improvements of exterior noise are shown in figure 12. The upper chart depicts
the results of the standardized ISO R 362 test, where a vehicle passes under
acceleration at a distance of 7 m. The adapted vehicle with the 3 cylinder diesel
engine is 3 dB better than the original 4 cylinder diesel engine. Similar improvements
were obtained for the exterior noise at idle gear for engine speeds between 800 and
2500 rpm. The lower chart of figure 12 compares the integral level of a series of
microphone positions at 7 m distance around the car. The M13 application is better
over the entire frequency range. The largest improvements are observed at higher
engine speeds.
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Figure 12: Comparison: series vehicle with 4 cylinder engine - adapted vehicle with 3
cylinder engine.
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8 CONCLUSIONS

The Steyr 3 cylinder direct injection diesel engine (M13) was attached into the Fiat
Brava Chassis. Extensive numerical simulations were performed to understand and
optimize the complex vibration behaviour and the engine — chassis interactions.

The computation model was a hybrid structure of the FE chassis and a Multi Body
model of the engine. The hybrid model includes the nonlinearities of the engine
mounts and the internal excitation mechanisms of the engine. The FE part is rather
coarse, so it has to be tuned to represent a specified set of modes. The total
structure was assembled by component mode synthesis within the MBS software.
Time histories of engine mount forces and of accelerations at the steering wheel
(typical comfort location) are computed. The results are summarized in waterfall
charts and compared to measurements of engine speed-up runs.

The simulations show a strong interaction of engine and chassis at the lowest
modes. The analysis of the isolated systems “engine fixed to ground” and “chassis
without engine” provide valuable information of basic structural properties but cannot
predict the vibrations of the assembled system.
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